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Technical Report

1. Introduction

 The variator that provides the shifting capability of a 
continuously variable transmission (CVT) consists of a 
pulley assembly and a chain as shown in Fig. 1.

 Pulley clamping force is produced by applying 
hydraulic pressure to the pulley hydraulic chamber. That 
clamping force generates frictional force between the 
pulleys and the chain to transmit torque. In general, the 
torque transmission capacity of a chain is thought to be 
proportional to pulley clamping force. 
 During the development of a new variator with high 
torque capacity, a phenomenon was observed where the 
torque transmission capacity was not linear relative to 
pulley clamping force in the region of high pulley clamping 
force and high torque as shown in Fig. 2. This article 
presents the results of an investigation undertaken to clarify 
the mechanism causing this phenomenon, focusing on 
changes in the running radius of the chain.

2. Investigation of the cause of torque capacity decline

2.1 Calculation equation for torque capacity
 Torque capacity due to friction transmission can be 
expressed as shown in Eq. (1) below.
 T = F x R = Σ(μ x N x r) (1)
T:  torque capacity
F:  frictional force between chain and pulleys
R:  chain average running radius
μ:  coefficient of friction of each chain pin
N:  clamping force applied to each individual pin
r:  running radius of each pin

 It was assumed that changes in μ, N and r accompanying 
an increase in clamping force and torque were the reasons 
why the torque transmission capacity was not linear 
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2.3 Change in clamping force applied to each individual pin
 Strain gauges were then attached to individual rocker 
pins in the chain as shown in Fig. 7 to confirm the change 
in the clamping force applied to each individual pin. The 
measured strain results from the entrance side to the exit 
side of the secondary pulley are plotted in Fig. 8 for the 
measurement conditions listed in Table 2.
 The measured strain was proportional to the clamping 
force of the secondary pulley, and it increased from the 
entrance side to the exit side where the chain wrapped 
around the secondary pulley. 
 The following reason was assumed for the sharp 
increase in strain toward the exit side as seen in the results 
in Fig. 8. As described in subsection 2.2, the path traced 
by the chain near the exit on the tension side was closer to 

relative to pulley clamping force in the region of high 
pulley clamping force and torque. The amount of change 
confirmed in each of these parameters is described in the 
following subsections beginning from 2.2.

2.2 Change in running radius
 Changes in the running radius relative to torque were 
measured under a condition of constant pulley clamping 
force. As shown in Fig. 3, gap sensors were placed at the 
entrance, center and exit positions of the chain where it 
wrapped around the secondary pulley in order to confirm 
the running radius at each point. The variator test bench 
shown in Fig. 4 was used to conduct measurement 
experiments.

 Table 1 lists the measurement conditions. Figure 5 
presents the measured results for the change in the running 
radius on the secondary pulley in relation to a radius 
difference of 0 mm when the input torque was 0 Nm. As is 
also described in Ref. (2), the results show that the running 
radius of the chain on the entrance side did not change with 
increasing input torque, but the values at the center and exit 
on the inside diameter side changed. Figure 6 is a schematic 
diagram of this radius shift.
 As the results in Fig. 5 illustrate, the running radius of 
the chain changed from the entrance side toward the exit 
side as input torque increased, which was accompanied by 
an increase in chain tension on the tension side. As a result, 
the chain followed a path closer to the inside diameter 
side at the exit position close to the tension side, which 
influenced the change in the running radius.
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Ratio - Low
Input speed Ni 3,000 rpm
Input torque T 0→390 Nm
Sec. pulley clamping force Fs 70 kN

Table 1 Measurement condition

 

Fig. 4 Variator test bench overview 
 
Table 1の実験条件にてトルク 0Nm時を 0㎜としたトル
クに対する Sec巻付半径変化の測定結果を Fig. 5に示
す．参考文献(2)でも述べられているが, チェーン巻付
半径はトルクの増加に従って入口側は変化せず，中央

及び出口は内径側に変化している結果が得られた．

Fig. 6にこの現象を模式的に表したものを示す． 
 

Table1 Measurement condition 

 

Fig. 5 Radius shift test result 
 

 
Fig. 6 Radius shift overview 

 

 

Fig. 5の結果のように, チェーンの巻付半径が入口

から出口に従って変化するのは, トルクの増加に伴って

チェーン張側の張力が増加するために, 張側に近い出

口側でチェーンがより内径側の軌跡を通る影響と考え

る． 

 

2.3 各ピンにかかる 1本あたりのクランプ力の変化 
次に各ピンにかかる 1 本あたりのクランプ力の変化を

確認するために，Fig. 7 に示すようにチェーン内のロッ
カーピン 1 本に歪ゲージを貼付け，Table 2 の条件で, 
セカンダリプーリ入口から出口までの歪量測定を行った. 
その結果を Fig. 8に示す． 
 

 
Fig. 7 Locations of strain gauges set on surfaces of 

pin. 
 

Table 2 Measurement condition 

  

 

Fig. 8 Measurement of strain gauges set on surfaces 
of pin. 

 

歪量は Sec推力に比例しており，セカンダリプーリの
チェーン巻付部の入口側から出口側にかけて歪量が

増加していることが分かる. 
Fig. 8 の結果のように, 出口にかけて歪が大きく増加

する理由は, 2.2 章で述べたように, チェーン張側に近
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2.4 Estimation of coefficient of friction μ
 In general, the coefficient of friction changes according 
to the sliding velocity and vertical load, and it decreases 
with increasing oil film thickness h in the boundary 
lubrication to mixed lubrication regime as indicated by a 
Stribeck curve.(3) As was made clear in subsection 2.3, the 
radius between the pulley and the pin end faces changes, 
so it is assumed that the sliding velocity also varies 
accompanying such radius changes. In this explication of 
the mechanism of interest, it was necessary to estimate the 
coefficient of friction using the sliding velocity and load at 
the position of each individual pin where the chain wrapped 
around the pulley. Accordingly, line contact was assumed 
for the contact between the pulley and the chain; the oil 
film thickness h under the condition of line contact was 
calculated using the Dowson-Higgison formula in Eq. (2).

   (2)

hmin :  minimum oil film thickness
ηo :  kinematic viscosity
ū :  sliding velocity
E :  Young’s modulus
Α :  coefficient of pressure-viscosity
W :  load
R :  equivalent radius of curvature

 Letting the Young’s modulus and other parameters in 
Eq. (2) be constants, it is assumed that the coefficient of 
friction has a negative first-order correlation with the oil 
film thickness. Equation (2) can then be replaced by Eqs. 
(2-1) and (2-2). This assumption was confirmed to be valid 
on the basis of experimental measurements.

 

い出口にてチェーンがより内径側の軌跡を通る結果 , 
ピンがよりプーリ内径側部分で挟まれることで, ピン自
体により大きな反力が発生するため出口に向かって歪

量が大きくなると推測した. 
 従来の設計手法では, プーリに巻き付いているピンに
は, ピン～シーブ面間の巻付半径や発生する荷重は
一定であるものとして計算していた. しかし, Fig. 5, Fig.8
の結果のようにピンは出口に向かいプーリ内径側に変

位することで, ピン～プーリ間の巻付半径と発生する荷
重は出口に向かい刻一刻と変化している . このため, 
プーリに巻付いているピン 1 本 1 本の状態に応じた巻
付半径rやクランプ力Nを(1)式に当てはめて設計計算
に織り込む必要があると考えた. 
 

2.4 摩擦係数 μの推定 
 一般的に，摩擦係数は滑り速度や垂直荷重によって

変化し，Stribeck曲線上で表される境界潤滑～混合潤
滑領域では，油膜厚さ hの増加と共に摩擦係数は小さ
くなる(3)．2-3章で明らかになったように, プーリとチェー
ンピン端面間では, 半径変化に伴う滑り速度変化も起
きていると考えられる. チェーン巻付部のピン位置各々
の滑り速度とピン荷重を用いて摩擦係数を推定すること

が今回のメカニズム解明においては必要である. そこ
で, プーリとチェーンの接触部は線接触であると考え, 
線接触下での油膜厚さを Dowson-Higginsonの式(2)で
求める. 
 

 
ℎ𝑚𝑚𝑚𝑚𝑚𝑚 :最小油膜厚さ 
η0 :動粘度 
u̅ :滑り速度 
E :ヤング率 
α :圧力粘性係数 
W :荷重 
R :等価曲率半径 
 

 (2)式のヤング率 Eなどを定数とおき, 摩擦係数
は油膜厚さに対して負の 1 次相関関係となると仮
定すると, (2)式は(2-1), (2-2)式で置き換えられる. こ
の仮定が正しいか実測から確認した. 

hmin = a ∙ 𝑢̅𝑢0.7 ∙ 𝑊𝑊−0.13                      
…(2-1) 

μ ∝１/hmin                               

…(2-2) 
a:定数 

 

ここで荷重W と滑り速度u̅に対する摩擦係数 μを求
める必要があるが，チェーン運転状態ではピン 1本の
μを測定することは難しいため, 図 9のような Pin-on-
disk方式にて, 単品状態で摩擦係数測定を実施した. 
荷重を 500～1,600N/本の範囲で滑り速度を変化さ

せて摩擦係数を測定した結果を Fig. 10に示す. Fig. 10
の測定結果を用いて, 横軸に滑り速度と荷重の積をとり
𝑢̅𝑢0.7 ∙ 𝑊𝑊−0.13として計算し, 縦軸にその時の摩擦係数を
Fig. 11に示す．この結果から, 摩擦係数は油膜厚さに
対して負の 1次相関であることが分かり, μは(2-1),(2-2)
で仮定した式を使って予測できることが分かった． 
 

 
Fig. 9 Pin-on-disk overview 

 

 
Fig. 10 μ measurement result 
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a: constant
 Here, it is necessary to calculate the coefficient of 
friction μ in relation to the load W and the sliding velocity 
u. However, because it would be difficult to measure the 
coefficient of friction for one pin during the operation of 
the chain, μ was measured in a single part test using a pin-
on-disk method as shown in Fig. 9. 
 Figure 10 presents the coefficient of friction results that 
were measured when the sliding velocity was varied in a 
load range of 500-1,600 N/pin. Using the measured results 
in Fig. 10, the vertical axis in Fig. 11 shows the coefficient 
of friction μ that was obtained in relation to the calculated 
product of the sliding velocity and load (ū0.7・W-0.13) on the 
horizontal axis. The results show that the coefficient of 

the inside diameter side. As a result, the pins were further 
compressed in the section on the inside diameter side, 
causing the pins themselves to generate large reaction force 
that increased the amount of strain toward the exit.
 With the traditional design method, the running radius 
between the pins wrapped around the pulley and the sheave 
face as well as the generated load were treated as being 
constant values in the design calculations. However, as 
indicated by the results in Figs. 5 and 8, the running radius 
between the pins and the sheave face and the generated 
load constantly change toward the exit owing to the 
displacement of the pins to the inside diameter side of 
the pulley. Accordingly, it was reasoned that the running 
radius r and clamping force N had to be applied to Eq. (1) 
according to the actual state of each individual pin wrapped 
around the pulley and thus incorporated into the design 
calculations.
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Ratio - Low
Input speed Ni 500 rpm
Input torque T 100 Nm
Sec. pulley clamping force Fs 30, 50, 70, 80 kN

Table 2 Measurement condition
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2.5 Torque capacity calculation reflecting the measured 
results
 The measured and calculated μ, N and r values were 
applied to Eq. (1) to calculate the torque capacity and the 
results are shown in Fig. 12. As seen in the figure, the 
values estimated with the new method are closer to the 
experimental results than those previously estimated. 

3. Explanation of mechanism causing non-proportional 
torque capacity relative to pulley clamping force

3.1 Mechanism causing non-proportional torque capacity
 It was shown in section 2 that the torque capacity can 
be calculated accurately. Therefore, an investigation was 
made of the mechanism causing the torque transmission 
capacity to be non-proportional relative to pulley clamping 
force.
 The results in section 2 made it clear that the value of 
Σr in the torque capacity calculation formula of Σ(μ x N x r) 
in Eq. (1) was smaller than the theoretical calculation. 
When Σr becomes smaller, in addition to a decline in torque 
transmission capacity, the shift toward the inside diameter 
side becomes larger, thus also increasing the sliding 
velocity. Because μ has the characteristic that it becomes 
smaller as the sliding velocity increases, Σ(μ x r) declines 
in the region of high pulley clamping force and high torque. 
This was assumed to be the mechanism causing the torque 
transmission capacity to become non-proportional.

3.2 Investigation of torque capacity sensitivity to 
differences in pulley deflection stiffness
 It was reasoned that pulley deflection stiffness was the 
parameter influencing the decline in r and μ. Measurements 
were made to verify if torque capacity would decline when 
deflection stiffness was intentionally reduced by shaving 

friction has a negative first-order correlation with the oil 
film thickness. This indicates that the coefficient of friction 
μ can be predicted using Eqs. (2-1) and (2-2) that were 
assumed above.
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Fig. 11 Friction coefficient result 
 

μ
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]

𝑢̅𝑢0.7  𝑊𝑊−0.13 [m/s/N]

…(2) 

Fig. 11 Friction coefficient result
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Fig. 12 Comparison of torque capacity between estimation 
and experimental value
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4. Conclusion

    •  The running radius, clamping force and coefficient 
of friction of individual chain pins were confirmed 
on the basis of measured and calculated values. The 
results were used to calculate the torque capacity, 
enabling reproduction of the phenomenon where the 
torque transmission capacity was not proportional to 
pulley clamping force. The mechanism causing this 
phenomenon was thus clarified.

    •  It was found that pulley deflection stiffness must be 
improved to mitigate reduction of the torque capacity 
under a high clamping force condition.
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the back side of the pulley, i.e., the portion of the parking 
lock indicated in the red circle in Fig. 13. 
 The results presented in Fig. 14 show a tendency for 
torque capacity to decline further for a pulley with lower 
deflection stiffness. This indicated that pulley stiffness had 
to be improved in order to reduce the decline in torque 
capacity under a high clamping force condition. 
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2.5 実測結果を反映したトルク容量計算 

実測や計算で得られた μ，N，rを式(1)に当てはめ

て， トルク容量を計算した結果，Fig. 12のように実験
値により近い値で計算できるようになった.  

 

 

Fig. 12 Comparison of torque capacity between 
estimation and experimental value 

 

3. 推力に対しトルク容量が比例しない 
メカニズム解明 

 

3.1 トルク容量が比例しないメカニズム  
2章で精度よくトルク容量が求められることが分かった

ので,プーリ推力に対し伝達トルク容量が比例しないメカ
ニズムを検討する.   
式(1)のトルク容量計算では, ∑(μ × N × r)のうち, 

∑ 𝑟𝑟が理論計算に対し小さくなっていることが 2章の結
果で明らかになっている. ∑ 𝑟𝑟が小さくなると伝達トルク容
量が低下するのに加え, 内径側への変化が大きくなる
ことで滑り速度も増加する. μは滑り速度が増加すると小
さくなる特性から, プーリ推力及びトルクが高い領域で
は，∑(μ × r)が低下することで伝達トルク容量が比例し
ないメカニズムと推測した 

 
3.2 プーリ倒れ剛性違いでのトルク容量感度検証 

rやμの低下に影響するパラメータは, プーリ倒れ剛
性と考えた. 今回は Fig. 13 のようにプーリ背面(パーク
ロック部_赤丸部)を削って, 意図的に倒れ剛性を低くす
るとトルク容量が低下をするか実測検証を行った． 
 

 

 

 
Fig. 13 Overview of pulley stiffness change 

 
その結果，倒れ剛性を低くしたプーリは Fig. 14のよう

にトルク容量が更に低下する傾向がみられた. この結

果から, 高推力でのトルク容量低下の軽減にはプーリ

剛性向上が必要であることが分かった. 

 

Fig. 14 Torque capacity result between low rigid 
pulley and normal pulley 

 

4.まとめ 

 

・個々のピンの巻付半径, クランプ力, 摩擦係数を 
実測及び計算値で確認し, その結果を用いてトル
ク容量を計算することで, トルク容量がプーリ推力
に比例しない現象を再現することができ, メカニズ
ム解明ができた. 

・高推力でのトルク容量低下を軽減するにはプーリ 
剛性向上が必要であることが分かった.  
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